The dynamic analysis of a gear transmission system for electric vehicle is analyzed by means of a multibody approach. The architecture of the transmission is constituted of one gear ratio, with the differential integrated in the same gear box. The multibody model of the complete transmission has been created and optimized in order to get the dynamic response of the system. In particular, the frequency response function of the system in terms of rotational speed and loading forces has been determined. Furthermore, the dynamic transmission error has also been determined.
Introduction
In last decades, great emphasis has been devoted to design methods of high-speed and lightweight transmissions, both in aerospace and automotive applications.
By reasoning in global terms, a gear transmission consists of a very complex system comprising interconnecting shafts and couplings, within which the gear box may itself be considered as an independent gear system.
The dynamic response of a gear system is one of the most important aspects to be taken into account in the design of lightweight transmissions. Significant vibrations of gear masses and resulting dynamic loads can arise even if both torque and speed are constant.
These dynamic loads resulting from the relative displacements between the mating gears involve the so-called transmission error, generally defined as the departure from the uniform angular motion corresponding to the ideal kinematics of gear pair.
Multibody approach is a useful tool to realize (already in the design phase) a complete dynamic simulation of the system, by introducing more and more sophisticated parameters in order to take into account all gear meshing phenomena.
The behavior of new automotive gears transmission systems may be conveniently simulated with specific multibody programs. 1 A gear is a complex body with a specific geometry that mainly depends on the number of teeth, the module, the contact ratio, and the face width.
Once a gear is designed as a function of the torque to be transmitted, it is necessary to analyze it from both kinematic and dynamic points of view.
Theoretically, the rotation of two gears, with perfect involute teeth and infinite stiffness, is a function of input motion and gear ratio. A constant rotational speed of the output shaft would therefore result from a constant rotational speed of the input shaft. Owing to both intended shape modifications (microgeometries) and unintended ones, such as the positioning errors, gears may have a motion error of the output gear with respect to the input one.
More in detail, the most important factors for evaluating the quality of the two-gear engagement are the static transmission error (TE), that is significant when the meshing velocity is low, and the dynamic transmission error (DTE), that is of particular relevance when the engagement speed is high. In general, the transmission error is the difference between the actual position of the output gear and the ideal position that would come out when the gear drive is perfectly conjugating. Knowledge of the transmission error is very important to perform the dynamic analysis of the gear. 2 Both transmission error and mesh stiffness variation are often considered to be the primary excitation sources of gear noise, therefore a minimization of the transmission error brings to minimize the noise. 2, 3 Some papers have been published regarding the numerical analysis of the dynamic contact of two gears. Most of them use the finite element method simulations; this approach, which is based on an appropriate model of the contact stiffness, generally through a penalty method, is helpful in determining the corresponding strain and stress distributions in the teeth. In order to represent in a good way the gear contact, it is necessary to create a very dense mesh, with the effect of substantial increment of the calculation time.
Another way to address the contact analysis in real gear systems is based on single degree of freedom models (lumped parameter models), [4] [5] [6] [7] where the teeth contact is modeled by one stiffness spring, one damper, and one equivalent mass of the tooth.
In this paper, a multibody approach has been used to develop an efficient contact model between the teeth in an automotive transmission.
One of the major differences with respect to the lumped parameter models is that a multibody approach does not ask for the use of a variable stiffness of the gears because the system is taking into account the evolution of contact and of all related parameters at each time integration step. The multibody kinematic approach uses a contact stiffness, which depends on parameters whose evaluation is not yet clearly defined. 8 As a matter of fact, it was observed that by setting the contact stiffness parameters equal to the theoretically calculated ones, using e.g. the Yang and Sun, 9 Giovannozzi, 10 or Popov 11 formulations, results discordant with the theoretical predictions have been obtained, while by using specifically calibrated parameters, results more significant from the physical point of view have been obtained. The aim of this paper is the dynamic analysis of a complete transmission for electric vehicle in its real operative conditions by means of the multibody software RecurDyn (developed by Functionbay, Inc.), in order to obtain the dynamic system response in terms of load spectra.
To this goal, the model has been developed by tuning step by step the contact parameters of each engaging pair of gears and by optimizing the integration parameters.
Load spectra have been processed to describe the dynamic response while force average values have been computed to be compared with the theoretical ones obtained from the classical equilibrium equations.
Gear model
This paper considers a specific differential architecture for an electric vehicle. Its design has been developed in order to keep the transmission weight as low as possible; in particular, a single speed stage gearbox has been chosen. This transmission is constituted by an input ordinary gear system, able to transmit power from the electric motor to the wheels, followed by an epicyclical one named differential (see Figure 1) .
In particular, the input ordinary gear system is constituted by a single-stage gear box (the first helical gear pair) and by a second helical gear pair that is connected to the planetary carrier (indicated as (a) in Figure 1 ).
The input gear couple (due to its transmission ratio) operates on the involved kinematic parameters (angular velocity and torque), while the differential system subdivides the input torque in equal parts between the two vehicle wheels axes and also allows two different rotation speeds of the axes when it is necessary, as an example along a curved trajectory. Figure 2 shows the complete transmission model for simulation. Gears 1 and 2 correspond to the first helical gear pair and gears 3 and 4 to the second one. From the kinematic point of view, all gears (helical and bevel ones) have been considered.
From the dynamic point of view, only the ordinary gears system has been taken into account; in the present work the vehicle has been analyzed in a rectilinear motion condition and so the transmitted torque passes directly to the wheel axes through the pinions (no relative motion may exist between the other differential gears). Figure 2 shows the complete transmission model that has been prepared for the simulation.
The main design data of the four helical gears are reported in Table 1 (engagement 1, gears 1 and 2) and Table 2 (engagement 2, gears 3 and 4).
All gears have been designed according to ISO 6336 standard. 12 The first step for a dynamic analysis of gears generally involves the evaluation of the corresponding meshing frequency (f z ) and the natural one (f e ). 12 In particular, the meshing frequency (f z ) provides the excitation of the system, while the natural frequency (f e ) gives the physical parameters of the meshed gears.
These frequency values have been respectively calculated by means of the following equations
where n i is the angular gear speed, Z i is the number of teeth, c is the engagement equivalent stiffness, and m rid is the equivalent reduced mass of the gears. Meshing and natural frequency values of the gear engagements 1 and 2 are reported in Table 3 . To obtain the natural frequency of the systems, the maximum speed of the simulation input has been considered. It is worth noting that f z values are about one-fifth of the f e values.
Multibody model
The simulation of the complete automotive transmission has been developed (see Figures 2 and 3) . To obtain a correct simulation of this complex system, a lot of preliminary tests have been done in order to tune both kinematic and dynamic parameters. The final goal is to achieve a good matching between the multibody response and the corresponding theoretical one.
The first important step in the simulation is to impose all degrees of freedom of each elements of the system; to this aim, some specific elements of the RecurDyn software, called Joints, have been used. Four different types of joint have been taken into account; the first one is the revolution joint (RevJoint) that allows only the rotation around one reference axes; the second one is the cylindrical joint that enables both rotation around and translation along one axis, the spherical Joint allows the rotation around three concurrent axis and finally the fixed joint completely constraints all movements.
In detail, a revolution joint has been imposed between ground and gear 1, a cylindrical joint and a spherical one between ground and shaft, two fixed joints between shaft and gears 2 and 3, in their mass center; five revolution joints have been set up, the first between ground and gear 4, second and third between suns and ground, fourth and fifth between pinions and planetary carrier; finally 10 fixed joints have been imposed between planetary carrier and gear 4. Figure 3 (b) shows the angular misalignments imposed during the design phase between gears 1 and 2 (È) and gears 2 or 3 (they stay on the same axis) and 4 ('); this particular architecture has been chosen to obtain a more compact transmission system.
Finally, the real physical input parameters have been set up in terms of operating conditions, such as vehicle acceleration (the speed analyzed was from 0 to 50 km/h in 4 s) and resistance torque (transmitted from the vehicle wheels to the differential suns). The resistance torque has been calculated by means of the following classical equations
where R r is the resistance force to the vehicle motion, P is the vehicle mass, É is the road slope angle, f 0 and f 2 are the tire coefficients, 13 is the air density, C x is the aerodynamic drag coefficient along the longitudinal axis x, S is the vehicle frontal area, v is the vehicle velocity, and R wheel is the wheel radius.
As a result of the above quoted data of the electric vehicle (here omitted for the sake of confidentiality), a resistance torque of 10 Nm has been obtained and imposed to the suns.
Since the system is quite complex, the computational time is quite high. A proper calibration of the simulation was pursued before its start to get the best compromise between parameter's calibration and the computational time.
Contact algorithm
The used numerical procedure has been divided into four main parts in order to obtain an efficient contact model: surface representation, pre-search, detailed search, and contact force generation. 14 The surface representation has the purpose of discretizing the body surfaces into triangles or quadrilaterals; the pre-search aims to divide the surfaces by the spatial partitioning method, 14 the detailed search fixes the contact forces acting on a rigid body on their mass center by using the generalized translational forces and rotational torques and, finally, the algorithm to determine the force values has been used.
To define the normal force, a model involving the Hertzian contact parameters has been utilized. 14 In particular, the algorithm involved in the RecurDyn code considers the contact force expressed by two terms: a spring force (f sp ) and a damping one (f dp ).
The spring force is defined as follows
where K is the spring stiffness coefficient, m1 is the spring exponent (mainly determined by experimental tests), and is the penetration depth.
In this work, the terms K and m1 have been determined by means of the interpolation of numerical results obtained by certain RecurDyn multibody simulations.
The analytical expression for the damping force is defined as follows 14 f dp ¼ C
where C is the damping coefficient (generally determined by experimental tests) (in this work an iterative result simulation method has been used), m2 is the damping exponent, m3 is the indentation exponent, and _ indicates the time derivative of the penetration depth.
Using this contact algorithm, if the relative velocity of the bodies that are going to be in contact is large, negative results may be obtained depicting a compenetration situation.
14 To solve this numerical instability problem the minimum contact normal force (f nmin Þ is introduced
where R df is the rebound damping factor (values between 0 and 1). This is giving the normal force value that is able to avoid body compenetration. Then, the real contact normal force ð f n Þ can be obtained by the following 14 f n ¼ max f sp þ f dp , f nmin Â Ã ð8Þ
In this way it is possible to obtain, during the contact phase, a realistic hysteresis loop for the energy dissipation and then to avoid the negative contact normal force. The parameter defined as plane tolerance factor has no effect on the patch refinement. For very small surfaces (such as 1 mm Â 1 mm), it is better to decrease the minimum plane tolerance to get an effective patch (the default value of the minimum plane tolerance is equal to 1).
The other contact parameters have been changed from the default ones even if this is causing an increase in computation time; this drawback is largely justified by the obtained improvement in the quality of the results. Table 4 reports the contact parameters tuned for the simulation.
Regarding the integration parameters, after a few tests it has been chosen to use the values proposed by the RecurDyn gear tutorials, because the use of more refined parameters causes only a further increase of the analysis time, without an appreciable improvement in the results. Only the integration step has been modified, with reference to the maximum natural frequency of the system (see Table 3 ).
The integration step has been set by the following formula
Step
where max(f e ) is the maximum natural frequency of the whole transmission, s is the time duration of the simulation, and 10 is a multiplicative factor chosen to avoid output signal errors (e.g. those caused by the aliasing phenomena). Table 5 shows the integration parameters used in the simulation.
In particular, End time defines the end of the simulation,
Step defines the number of sampling data sets that are output for animation, Plot Multiplier Step Factor determines the number of sampling plot data (e.g. if
Step is 100 and Plot Multiplier Step Factor is 2, the number of sampling plot data is equal to 200); Integrator Type allows to select the integration function (RecurDyn implements two implicit integration schemes: DASSL 1 and the generalized alpha method IMGALPHA 1 ); Maximum Time Step defines the maximum time step of the integration during the simulation; Initial Time Step establishes the initial time step of the integration during the simulation; Error Tolerance sets the error term used during the simulation process and, finally, Numerical Damping determines the damping ratio for the generalized alpha method (zero indicates no damping and one indicates maximum damping). 1 
Results and discussion
Figures 4 and 5 report the speed response of the transmission in terms of angular velocity versus time.
In particular, Figure 4 shows the rotational speed of engagement 1 (gears 1 and 2, Figure 4(a) ) and of engagement 2 (gears 3 and 4, Figure 4(b) ). Figure 5 shows the differential speed response. Concerning the helical gears (Figure 4) , it may be observed that the kinematic response of the system is coherent with the transmission ratio previously imposed in the design phase.
The speed response of the differential elements (see Figure 5 ) emphasizes an initial perturbation of the signal, but very quickly the behavior of the system becomes stable and calculated values are similar to the theoretical ones.
The contact forces (along x-, y-, z-axis) versus time of gear 1 (Revolution Joint 1) obtained by the simulation are shown in Figure 6 ; the forces directions are referred to the ground system of the model. Averaged values are: Theoretical values of the above quoted forces may be calculated by the analytical combination of tangential, radial, and axial components (see Figure 3(b) ); the equilibrium equations are as the following
where F t , F r , F a are respectively the tangential, radial, axial forces and ' ¼ 24,71 is the misalignment angle between gears 1 and 2 ( Figure 3(b) ).
It may be observed that numerical averaged forces match well with the analytical ones. 
Also for this engagement, numerical and theoretical values show a very good agreement.
The trends of the frequency response of the system (engagements 1 and 2), obtained from the fast Fourier transform (FFT) of the normal force in the contact zone, have been reported in Figures 7 and 8 .
The first meshing frequency of gear's engagement 1, obtained by the theoretical equation (equation (1)) at a speed of 127.8 rad/s and the one obtained by the simulated data are practically coincident (1376.05 Hz and 1376 Hz, respectively).
For engagement 2, at a speed of 396 rad/s, the first frequency is equal to 691.5 Hz (equation (1)), the RecurDyn value is 688 Hz; this is probably due to the presence of the shaft mass. However, also in this case, the simulation results are in good agreement with the theoretical ones.
In Figure 9 it is possible to observe the dynamic transmission error (DTE) trend versus time for each engagements; average values are 0.04 rad/s for the first gear's engagement and 0.056 rad/s for the second one. Although these values are very satisfactory from the automotive point of view, it would be possible to improve the simulation by considering a resistant torque depending on the vehicle speed. In fact in this simulation, for obtaining the whole results with less computational time, a constant resistance torque has been imposed.
Conclusions
The simulation of the dynamic behavior of an automotive transmission for electric vehicle has been performed using a multibody approach, through RecurDyn software.
In particular, regarding the considered transmission architecture, gears contact forces, frequency responses of each individual engagement, DTEs and dynamic factors have been calculated. These results are very helpful in the evaluation of the dynamic loads applied to the shafts, to the bearings and to the transmission box and also in the fatigue analysis of components. In addition, these results allow to make considerations on vibration and transmission noise and evaluate the presence of high loads that are generated under dynamic conditions.
All the responses of the system, determined for each contact between gears, provide rotational speeds, forces, and dynamic transmission errors in both frequency and time domains. Force values have been compared to the corresponding theoretical ones and a very good agreement has been obtained.
The condition of constant resistant torque (maximum value) utilized in the simulation is an approximation of the real behavior of the system, but it refers to a worse condition.
Thanks to multibody simulations it was possible to calculate a well-defined value of DTE, as obtained by the experimental tests, even if a high computation time is required for the analysis of the complete transmission model. As a matter of fact, to obtain good results and to avoid unsatisfactory phenomena (as aliasing errors), high values of time step have to be imposed; in the present work a step of 10 times the value of the highest meshing gears frequency for every second of the simulation has been used.
Finally, it may be concluded that it is possible to simulate the whole system as well as a real experimental test; if from a point of view the possibility to use a multibody program has permitted to obtain results in a cheaper way, on the other hand without a performance computer the time to obtain significant results may become too long. For example, to analyze 6 s of the power transmission behavior, more or less 40 h of simulation are generally required. 
